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Highlights

e A novel air cooled condenser for CSP (Concentrated Solar Power) applications is proposed.
e A thorough experimental analysis of various condenser designs was performed.

e Heat transfer and flow friction correlations validated for fan generated air flow.

e A thermodynamic model to calculate CSP plant output is presented.

e Results show the proposed condenser design can continually optimise plant output.
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This paper aims at developing a novel air-cooled condenser for concentrated solar power plants. The
condenser offers two significant advantages over the existing state-of-the-art. Firstly, it can be installed
in a modular format where pre-assembled condenser modules reduce installation costs. Secondly,
instead of using large fixed speed fans, smaller speed controlled fans are incorporated into the individual
modules. This facility allows the operating point of the condenser to change and continuously maximise
plant efficiency. A thorough experimental analysis was performed on a number of prototype condenser
designs. This analysis investigated the validly and accuracy of correlations from literature in predicting
the thermal and aerodynamic characteristics of different designs. These measurements were used to
develop a thermodynamic model to predict the performance of a 50 MW CSP (Concentrated Solar Power)
plant with various condenser designs installed. In order to compare different designs with respect to the
specific plant capital cost, a techno-economic analysis was performed which identified the optimum size
of each condenser. The results show that a single row plate finned tube design, a four row, and a two row
circular finned tube design are all similar in terms of their techno-economic performance and offer

significant savings over other designs.

© 2014 Published by Elsevier Ltd.

1. Introduction

ACC’s (Air-Cooled Condensers) can potentially reduce the water
consumption of a power plant by up to 97% [1]. This is particularly
significant for CSR (Concentrated Solar Power) plants which are
typically located in extremely dry regions, where water for wet
cooling systems is scarce. In many cases an air-cooled condenser
may be the only feasible option for a CSP plant. However, the high
operating costs and the corresponding hit on plant efficiency
associated with an air-cooled condenser makes it an unpopular
option and there is a clear requirement for a more efficient dry
cooling system for CSP plants [1]. This is seen as a significant barrier
to the development of CSP plants in many regions around the
world. In Europe, the SET plan (Strategic Energy Technology Plan)
[2] describes the potential for CSP to contribute 2.5% of the EU’s
energy by 2020. The SET plan directly highlights water availability
in plant locations as a significant issue which must be addressed for
CSP development. This paper is aimed towards the development of
anovel air-cooled condenser which — compared to plants cooled by

* Corresponding author.
E-mail address: james.moore@ul.ie (J. Moore).

http://dx.doi.org/10.1016/j.energy.2014.03.028
0360-5442/© 2014 Published by Elsevier Ltd.

conventional ACCs — can potentially enhance CSP plant efficiency
and reduce installation costs.

The current state of the art in air-cooled condensers consists of a
series of rectangular plate finned tubes coupled with very large
axial fans (approximately 10 m diameter), operated at a constant
speed. These condensers have a number of inherent design issues.
The fact that the fans usually operate at a constant speed means
that most condensers continuously operate at one point only, and
cannot adapt to an optimum operating point given the changing
ambient conditions. Walsh et al. [3] highlighted some additional
performance limitations of these condensers where they measured
the air flow at the outlet of the tube bundle across one cell. The
investigation showed that the heat removal is non-uniform across
each cell and large regions of ineffectiveness are consistently pre-
sent. The proposed condenser design considers the heat sink and
fan array as a composite solution and employs much smaller
(approximately 1 m diameter), speed controlled fans. Additionally,
it is envisaged that the condenser and fan array be incorporated
into a pre-assembled module and instead of erecting the very large
existing ACC structures, that an array of smaller modules be
installed. It is expected that this concept will offer significant
installation cost savings. This paper particularly focuses on the air-
side performance of the condenser as this is the dominant thermal
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Nomenclature r discount rate
Tn Amin L/A, m

A heat transfer area, m? 1 specific tube row
Amin free-flow area, m? Umax air velocity at minimum cross section, m/s
C cost, US$/€ X duct depth (in flow direction), m
Cc capital cost, US$/<€ f friction factor
Cinin minimum capacity rate, W/K Re Reynolds number
D fan diameter, m Nu Nusselt number
H fin height (plate fins), m Pr Prantdl number
Kc coefficient for sudden contraction St Stanton number
Ke coefficient for sudden expansion 1 fin thickness, m
L length of tube bank in flow direction, m € effectiveness
M mass, Kg Nsurf surface effectiveness
N fan speed, rpm uw dynamic viscosity, Kg/m s
Pfans power, W p air density, Kg/m>
Q heat power, W o ratio of free-flow to frontal area
Sa diagonal pitch, m
Sf 1/nf Subscripts
S longitudinal pitch, m a air
Se transverse pitch, m alum aluminium
T temperature, K c Condensate
U overall thermal conductance, W/m? K f Fin
w plate fin tube width, m i heat exchanger inlet
V4 fan to heat exchanger distance, m m mean
b fin pitch (plate fins), m 0 heat exchager outlet
Cp specific heat capacity, J/Kg K t year of operation
dox tube exterior diameter, m s steam
dfin fin exterior diameter, m steel steel
dn hydraulic diameter (4 x ry), m 0 ambient
h heat transfer coefficient, W/m? K
he enthalpy of vaporisation, kJ/Kg Abbreviations

thermal conductance, W/m K ACC air cooled condenser
l fin height (circular fins), m CSp concentrated solar power
m mass flow rate, Kg/s DNI direct normal irradiance, kWh/m?
ny number of fins per meter FD forced draft
n, number of tube rows ID induced draft
ng number of tubes per row LCOE levelised cost of electricity, €/kWh
p pressure, Pa MACC  modular air-cooled condenser

resistance, particularly determining the appropriate balance be-
tween heat transfer and fan power consumption. A model was
developed to investigate the effect of various design parameters on
the performance of a 50 MW parabolic trough CSP plant.

A number finned tube designs were considered as possible heat
exchanger surfaces and a series of tests were performed to deter-
mine their thermal and aerodynamic characteristics in order to
model the effect of the condenser designs on power plant perfor-
mance. The availability of different tube designs to manufacture
full-scale prototypes in a realistic time frame constrained the op-
tions to a multi-row design consisting of a bank of circular finned
tubes, or a single row of plate finned, elongated rectangular tubes,
similar to those in many existing ACC designs. The initial prototype
condenser module which was tested contained six rows of helically
finned round tubes in a staggered, equilateral arrangement, like
that shown in Fig. 1(a) and (b) and had a square face area of 4 m?. As
the air-flow through such a tube bank is chaotic, no simplified
theory is available to predict heat transfer and friction character-
istics. However, extensive experimental research has been per-
formed on such designs and correlations exist to predict their
performance. Many of these correlations [4—6] are only valid for a
tube bundle with a minimum of four-six tube rows. Below four tube
rows, vast changes occur in the flow field which affect turbulence

levels and inlet and exit flow losses. The inlet and exit losses are due
to a flow contraction at the heat exchanger core entrance and a flow
expansion at the core exit. These effects are described in further
detail in Kays and London [7]. Monheit [8] also describes flow losses
which are inherent in an equilateral staggered tube arrangement
due to the flow continuously accelerating and decelerating through
the bank. Zukauskas [9] describes the effect of turbulence on the
heat transfer in a tube bundle stating that the heat transfer in the
inner tube rows may exceed by 30—70% that of the first row
depending on the longitudinal pitch. In contrast to the circular
finned tube design, the air-flow through the plate-finned tube
design shown in Fig. 1(c) and (d) can be simplified to laminar
rectangular duct flow, for which theoretical models exist to predict
heat transfer and pressure drop. Flow through a duct comprises a
developing region through a finite entrance length after which
point the flow becomes fully developed throughout the remainder
of the duct. The developing region occurs where the boundary
layers over the duct walls are distinct and the core or free stream
fluid does not experience the viscous presence of the walls [10]. In
order to account for both regions a composite model must be
employed. By applying an energy balance across the duct [11] and
[12] have developed relationships to predict heat transfer and
friction characteristics.

Please cite this article in press as: Moore ], et al., Modelling the thermodynamic performance of a concentrated solar power plant with a novel
modular air-cooled condenser, Energy (2014), http://dx.doi.org/10.1016/j.energy.2014.03.028
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Fig. 1. Diagram of the proposed condenser designs, (a) a multi-row circular finned tube bank; (b) a single row of rectangular plate finned tubes; (c) pictorial view of circular finned

tube and (d) pictorial view of plate finned tube bundle.

Another investigation by the authors [13] highlights and ex-
plains a fundamental design problem with a single pass, multi-row
condenser commonly known as backflow. This phenomenon is less
prevalent in heat exchangers with fewer tube rows, and so it was
deemed necessary to extend the investigation on circular finned
tube designs beyond the original six row design and study the
performance of circular finned tube heat exchangers with fewer
tube rows. It was also expected that reducing the number of tube
rows would yield a higher heat rejection to fan power ratio as the
flow resistance would be substantially reduced. Nir [14], Gianolio &
Cuti [15] and T’Joen et al. [16] all presented work on the perfor-
mance of finned tube banks with less than six tube rows. In some
cases coefficients were developed to combine with existing corre-
lations which compensated for the reduction in heat transfer per-
formance. Wang et al. [17] describe various experimental test
procedures for characterising heat exchanger surfaces and high-
light the fact that much of the published experimental data may not
agree well for various reasons such as fin to tube contact, several
different data reduction methods and experimental error. Monheit
[8] reports that air-flow conditions and background turbulence
levels also vary for different investigations and contribute to

discrepancy in experimental results. It is evident from a review of
the literature that the vast majority of the relevant correlations
were developed for wind tunnel air flows which are generally
conditioned in large settling chambers resulting in steady, parallel
flow with uniform velocity. This does not replicate realistic flow
fields generated by axial fans which contain significant swirl, un-
steadiness and velocity non-uniformity. Due to this, experimental
measurements were required to firstly determine the accuracy of
existing correlations in the prediction of heat transfer and pressure
drop of the proposed designs and secondly to investigate the
validly of certain correlations in a realistic fan generated air-flow. To
the best knowledge of the authors, other than the measurements of
[15] no other measurements of heat exchanger performance in
realistic fan flows have been published, and the measurements of
[15] were for a limited range of geometric parameters.

Two sets of experiments were carried out. Firstly, full scale
measurements were performed on a prototype whose face area was
2 m x 2 m, which was cooled by four 1 m diameter axial flow fans
and contained six rows of circular finned tubes. It was not feasible
to test every configuration at a full-scale level so a reduced scale
test rig was designed. Condensers with different geometries were

Please cite this article in press as: Moore ], et al., Modelling the thermodynamic performance of a concentrated solar power plant with a novel
modular air-cooled condenser, Energy (2014), http://dx.doi.org/10.1016/j.energy.2014.03.028
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examined in this test facility and the most promising design, a four
row circular finned design, was then tested at a full scale to verify
the reduced scale measurements. Full scale measurements on the
plate fin design were also performed to validate the relevant
theoretical models. The reduced-scale measurements were per-
formed by constructing a condenser core in a wind tunnel working
section. In the wind tunnel, the finned tubes were then subject to a
highly uniform flow field, similar to many other studies [4,6,14]| and
[16]. In the case of the full-scale measurements, the fan bank pro-
vided a realistic flow field and fan to heat exchanger distance as
well as fan orientation (forced or induced draft) were additional
variables. Both scenarios have very different flow field attributes
which can have an effect on both heat transfer and pressure drop.
The authors [18] previously investigated this, as did Gianolio and
Cuti [15] who found that in terms of heat transfer, there was very
little effect for a heat exchanger with a high effectiveness. However
for a heat exchanger with less tube rows, or lower effectiveness,
there are potential gains in terms of heat transfer associated with a
forced draft flow field compared to induced draft. In an effort to
characterise each flow field, a series of velocity sensors were tra-
versed across the inlet of the condenser to generate a velocity
contour plot.

The evaluation of heat exchanger performance is typically
limited to metrics such as coefficient of performance. However, for
a steam plant condenser such a measure is not an appropriate
performance indicator. A more telling indication of performance is
the effect of condenser design on overall plant performance. This
paper combines the experimental measurements of condenser
thermal and aerodynamic characteristics with the characteristics of
a typical 50 MW parabolic trough CSP plant steam turbine to pre-
dict the effects of condenser design on power plant thermodynamic
performance. To the knowledge of the authors, this is the first time
that such a thorough evaluation of condenser design in terms of
power plant performance has been published. Deng and Boehm
[19] simulated two different tube types to investigate the effect on
the Rankine cycle efficiency. However no effort was made to
investigate the corresponding effects on condenser fan power
consumption and essentially simulated two different air-side heat
transfer coefficients. Other studies such as that of [20] and [21] have
simulated plant performance using commercial software to inves-
tigate effects of storage systems and other plant auxiliary compo-
nents. In these cases condenser performance was fixed and not
considered as a significant variable.

The model developed in this study predicts the thermodynamic
performance of the plant with various condenser designs installed,
various sizes (number of modules) and at different ambient con-
ditions. The results of this analysis show a primary advantage of the
technology; irrespective of the condenser design, size or ambient
conditions there is an optimum fan speed which yields the
maximum net output power. The variable speed fans can contin-
uously adapt to maintain maximum possible plant efficiency. While
this will require tight fan speed control, it offers a significant
advantage over the current state-of-the-art where such speed
control is rarely provided. To achieve a more complete means of
comparing the different designs and identifying which condenser
design maximises output at minimum cost, a techno-economic
analysis was performed to calculate the LCOE (Levelised Cost Of
Electricity) for each design. LCOE is a standard means of comparing
different technologies and integrates thermodynamic and eco-
nomic performance in a single metric [22]. Not only does this
identify the best design for a given plant capital cost, but it also
identifies the optimum size for each condenser design. This analysis
normalises the performance data of the novel condenser design so
it can be considered for scenarios other than the 50 MW parabolic
trough CSP case considered in this study.

The primary objectives of this study are as follows:

e Experimentally investigate the accuracy of the relevant corre-
lations in predicting the pressure drop and heat transfer through
the various condenser designs

o Experimentally validate correlations from literature with heat
exchangers subject to fan generated flow fields

e Measure the flow field at the condenser inlet for both the forced
draft and induced draft scenario and determine the effect on
thermal and aerodynamic characteristics

e Develop a thermodynamic model which allows condenser
design to be evaluated in terms of power plant performance

o Integrate condenser cost and CSP plant capital expenditure es-
timations with the thermodynamic model and compare
different condenser designs based on a techno-economic
analysis.

2. Theory

In this section correlations and theory from literature, which
predict the air-side pressure drop and heat transfer in the various
condenser designs are presented. For the circular finned tube de-
signs as seen in Fig. 1(a) and (b), experimental data has been
correlated in terms of a dimensionless flow rate parameter, Rey-
nolds number. For the plate finned design as illustrated in Fig. 1(c)
and (d), theoretical models predict friction and heat transfer char-
acteristics in the entrance and fully developed region of the finned
ducts also in terms of Reynolds number.

2.1. Pressure drop

Equation (1) is the correlation of Robinson and Briggs [4] which
was used to predict the dimensionless friction factor across a cir-
cular finned tube heat exchanger. The correlation is valid in the flow
range of 2000 < Re < 50,000. The Reynolds number range through
the prototype condenser module ranges from 2000 to 25,000.

5\ 0927 ;g \ 0515, 4
_ 0316 2t ot rfp
f = 9.465Re (dex) <5d) I (1)
where,
dexma
Re =
UAmin

Equation (2) is the correlation of Nir [14] for the friction factor
over a tube bank with plain fins within 300 < Reg, < 10,000, where
Regp is the Reynolds number based on the hydraulic diameter, dp,
and K, is a coefficient to account for different number of tube rows.

A \-055 s\ 025
f = 2.12Re 0% (%) (%) Ky (2)
ex

Equation (3) presents the correlation of T'Joen et al. [16] for the
friction factor across a single row, finned tube heat exchanger. This
correlation remains valid inside 1000 < Re < 15,000.

—-1.849
f = 2.271Re~0325 (dif) 3)

ex

Equation (4) is a composite model developed by Culham and
Muzychka [23] to predict the friction factor Reynolds number
product through a heat sink duct and can be used to estimate plate
fin tube pressure drop. The model employs the intersection of as-
ymptotes method originally developed by Churchill and Usagi [24]

Please cite this article in press as: Moore ], et al., Modelling the thermodynamic performance of a concentrated solar power plant with a novel
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which combines the developing and developed flow regions.
Equations (5) and (6) are the Reynolds number friction factor
product through the developing and fully developed regions for a
constant rectangular cross section [23]. The Reynolds number in
this case is based on the hydraulic diameter of the duct, where the
hydraulic diameter is equal to twice the duct pitch, d, = 2b.

2 270.5
fRe = {(ﬂzedeveloping> + (fRedeveloped> } (4)
3.44
fRedeveloping = \/ﬁ (5)

where, L* = x/DpPrRe

fR = 24 —-32.527 b 46.721 b\’ 40.829 b\’
edeveloped - - . E + . ﬁ - . ﬁ

b\ b\°>
+22.954(ﬁ) —6.089<ﬁ)

(6)

The relationship between the dimensionless friction factor and
the pressure drop over a finned tube bank is presented in Equation
(7) [7]. This equation accounts for four different phenomena which
contribute to the overall pressure drop, flow losses at the inlet to
the core, the core frictional loss, momentum effects and pressure
recovery at the core outlet. In the case of the circular finned tube
designs the inlet and exit losses are accounted for in the core fric-
tional term [7,25]. However, as a theoretical approach is used for
the plate finned design these factors must be accounted for. K. and
K. are coefficients to account for the entrance and exit effects. The
value of these coefficients has been correlated by Ref. [26] for
common heat exchanger surfaces and can be calculated based on
the ratio for frontal to free flow area.

Ap G> 5 L (1)

e 1-02+Ke) +f=pi( =

Di 28D ( C>, v m
N————

entrance effect

core friction

(7)

+ 2(%4) 7(170271@)%

exit effect

momentum effect
where, K. = 0.42(1—¢?) and K, = (1—¢2)?

2.2. Heat transfer

The correlation of Briggs and Young [6] relates the Reynolds
number of the flow with the Colburn factor (StPr¥?3), a non-
dimensional heat transfer characteristic. This correlation was
used to predict the thermal performance of the circular finned tube
condenser designs and is listed below in Equation (8). This corre-
lation is valid within the flow range of 1100 < Re < 18,000.

02 0.1134
sepr2rs — o 13ape-oms |2 )] (51 (8)
dﬁl’l - dex (3f

where, StPr*? = h/pucpPrzl3

Equation (9) presents an additional correlation factor devel-
oped by Gianolio and Cuti [15], to be used with Equation (8) to
compensate the reduction in heat transfer for reduced tube rows.
The resulting coefficient is essentially a fraction of the heat
transfer characteristic for a given number of tube rows divided
by that of a six row design, after which Equation (8) remains
valid.

StPry (1 umax>’0‘]4 ©)

stpr2l® n?

The correlation proposed by Nir [14]| which again relates the
Colburn factor to the Reynolds number and various geometrical
features of the heat exchanger is shown in Equation (10). As for
Equation (2), this correlation is valid over 300 < Rey < 10,000.

-0.4

_\ —0.266
StPr?/3 = Re%* (A—’X'“) Ry 04 (g%) K (10)

where,
Ry = St —dfin + [(dfin — dex)(1 — 0Np)]/[(dfin — dex)(1 — ONy)]

The correlation of T'Joen et al. [ 16] for the Colburn factor across a
single row finned tube heat exchanger is presented in Equation (11)
for 1000 < Re < 15,000.

—0.209
3) (11)

StPr?/3 = 0.495Re 0491pr—1/3 ( 1
o

The heat transfer from the plate fin design is determined in a
similar fashion to the pressure drop in that a composite model is
required to estimate the heat transfer in both the developing and
developed sections of the finned ducts. The Nusselt number, an
alternative heat transfer characteristic, is constant for fully devel-
oped laminar flow in ducts with constant cross sectional area, but
does depend on the flow passage geometry and boundary condi-
tions. The Nusselt number for fully developed flow in a rectangular
duct with an isothermal boundary condition may be calculated
using Equation (12) [25]. The influence of duct shape in the
developing region is not as great and the relationship developed by
Ref. [12] given in Equation (13) provides a reasonable Nusselt
number results in this region.

Nu, =7.741(1-2.610 b 4.970 AR 5.119 by’
developed — /- — 4. ﬁ + 4. H — 5. H

b\* b\>
+2.7oz(ﬁ) ’0‘548(E> )

(12)
0.664 —, 0.5
NUgeveloping = (W) <1 + 73\/@) (13)
where,
hd,
N =%

The overall Nusselt number where the flow is developing in the
entrance region and fully developed downstream of this point, can
again be represented using the intersection of asymptotes method
[11]

(14)

developing

1/15
1.5 1.5
Nu = [Nudeveloped +Nu }
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2.3. Fan laws

Equations (15)—(17) represent the three fan laws presented by
Refs. [27] and [28] and can be used to modify manufacturer char-
acteristic curves to generate fan characteristics at various speeds.
Once integrated with pressure drop calculations from Equation (7),
the condenser air-side flow rate, pressure-drop and fan power can
be predicted.

V «ND? (15)
Ap « pN2D? (16)
PpocpN3D? (17)

3. Experimental details
3.1. Full-scale test facility

To characterize the air-side thermal and aerodynamic perfor-
mance of the condenser designs, a steady state test facility which
used condensing steam inside the tubes of the test core was
designed. The test methodology was similar to that employed by
Kays and London [7]. By passing significantly more steam through
the tubes than what can be condensed, the thermal resistance from
the steam to the tube inner surface is minimized and an isothermal
heat exchanger surface can be achieved. Therefore the steam
temperature can be assumed equal to the wall temperature, and so
the sensors mounted in the steam core flow can be used to infer the
wall temperature which is necessary to determine the wall to air
heat transfer coefficient.

Fig. 2 is a side elevation of the full-scale test facility. The
condenser module comprising of a finned tube bank (1), an inlet
header (2) and an outlet header (3), was suspended in a structural
steel frame allowing its inclination to be varied. The module was
coupled to an array of axial fans (4). Steam was supplied to the
inlet header (2) from an industrial steam boiler and passed
through a series of valves to ensure it was in a superheated con-
dition and slightly elevated above atmospheric pressure upon
entering the condenser at (5). A positive pressure is essential to

ensure air and other non-condensables do not enter the
condenser which would create temperature non-uniformities.
Providing steam in a superheated condition enables a precise
calculation of the enthalpy at inlet of the condenser. The magni-
tude of superheat was regulated throughout the process and
limited to 5 °C to ensure that the resultant sensible cooling was
less than 1% of the latent heat of condensation and therefore
negligible in comparison to the heat removed by the air. At the
outlet header (3), the excess steam was separated from the
condensate and vented away to the atmosphere (6). The
condensate was gathered in the condensate tank (7) and pumped
back to the boiler by the condensate pump (8). The tank was fitted
with level switches which automatically controlled the pump to
allow a precise mass of condensate be collected during each test
iteration. The time required to collect this mass of condensate was
recorded to calculate the condensate mass flow rate. The
condensate temperature was also monitored to ensure no signif-
icant sub cooling occurred.

Pressure tappings were fitted to the walls of the fan enclosure
(10) and connected to a 0—200Pa manometer to measure the air-
side pressure drop across the condenser. The inlet header was
equipped with a series of vac-4bar absolute pressure transducers
to measure the steam pressure. The outlet header was open to
atmosphere to allow the excess steam leave the system and
therefore atmospheric pressure was assumed. Air temperatures
were measured at the test core inlet and outlet to calculate
necessary properties. The air temperature was measured with
thermistors which were integrated into one arm of a Wheatstone
bridge for higher sensitivity and noise rejection. Steam tempera-
tures were measured using K-type thermocouples at certain
points in the steam supply line as well as at the inlet and outlet
headers.

A series of velocity sensors were installed at the inlet and exit to
the tube bundle (11). The velocity sensors were a series of therm-
istors individually incorporated into a Wheatstone bridge and an
excitation voltage carefully selected to induce internal heating in
the thermistors. The thermistors were calibrated in a wind tunnel
to generate a relationship between air velocity and cooling rate of
the thermistor. By implementing this calibration relationship, the
air velocity past the thermistors could be inferred. This method of
measuring air velocity was developed by Walsh et al. [3] and

Exhaust
steam

— N

2m

-
1Y
o]
8
Condensate —
return line
—

Fig. 2. Schematic diagram of the full-scale prototype test facility.
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calibration details and resistance constants can be found in Ref. [3].
In this study, 32 sensors were installed across the width of the
condenser module and the rail of sensors was traversed in in-
crements of 50 mm across the face of the module. This equates to a
spatial resolution of 60.6 mm and 50 mm along the width and
length of the module respectively. The temperature of each sensor
was first recorded in each position, the excitation voltage was then
increased and the thermistors were used to measure velocity using
the calibration.

3.2. Reduced-scale test facility

Similar to the full-scale facility, a steady-state measurement
technique using condensing steam was again employed. This test
facility was more similar to the conventional method of charac-
terising heat exchanger surfaces in that it employed a wind tunnel
flow through a heat exchanger core. Due to laboratory constraints
it was not possible to heat the entire core at once, and instead a
method of heating one tube in different locations was deduced.
The method of heating just one tube was employed by Kays and
London [29], and successfully verified by comparing results to full
scale test results with every tube heated. Further details of the
data reduction in this test method are explained in the following
section.

Fig. 3 is a schematic diagram of the reduced-scale condenser test
rig. The main component is the wind tunnel section (6) which
encloses a bank of circular finned tubes. The custom working sec-
tion was 0.3 m-square and 0.75 m long and fitted to an open-circuit
suction design wind tunnel. The section was fitted with wall tap-
pings (7) and (8) to measure the difference in air-side static pres-
sure at inlet and outlet of the tube bank. A +250 Pa pressure
transducer was used to measure the pressure drop across the tube
bundle. The downstream pressure tapping (8) was positioned far
enough downstream to ensure a uniform flow field and an accurate
measurement. Steam was supplied to the tube bank from a steam
boiler (1) and passed through a baffle plate separator (2), where
most of the liquid phase was removed. Steam pressure at inlet and
outlet of the tube was measured using absolute pressure trans-
ducers (4) and (10). Steam temperature was also measured at the
inlet and outlet of the condenser using K-type thermocouples (5)
and (9). Upon exit from the condenser this excess steam was
separated from the condensate and vented away. The condensate

was gathered, weighed (11) and the time taken was recorded to
determine the mass flow rate. A pitot static tube was positioned
upstream of the condenser to measure the air flow velocity
entering the core. This was traversed across the section and aver-
aged to account for the boundary layers over the section walls. Air
temperatures were measured at the test core inlet to calculate
necessary properties. The air temperatures were measured with
thermistors and all instrumentation was synchronized with a
LabView 2011 data acquisition VI which also controlled the wind
tunnel flow rate.

4. Data reduction
4.1. Full-scale test facility

By applying an energy balance to the test system and, as
explained in Section 3.1, ensuring that there was negligible sensible
cooling of the steam or the condensate, the heat rejected by the
condenser was equivalent to the product of the mass flow of
condensate times the enthalpy of vaporization as indicated in
Equation (18). The overall heat transfer conductance, U, was
calculated from the measured heat rejection using Equation (19).
The air-side heat transfer coefficient, h, can be extracted from the
overall conductance, U, using the thermal resistance model given in
Equation (20) [7,25]. To extract h, the steam-side conductance is
required but as the steam-side resistance is generally less than 5—
10% of the total resistance in such a test scenario, an estimate of h,
will suffice [29]. The remaining terms in Equation (20) are con-
stants apart from gy the air-side surface effectiveness. This
effectiveness is dominated by the fin effectiveness which, from the
work of Gardner [31], can be calculated using Equation (21). The
overall surface effectiveness, nsyf, is a weighted average of the
effectiveness of the prime surface and less than 100% of the fin
surface as described in Equation (22) [7]. The experimental heat
transfer coefficient was expressed in non-dimensional form for
comparison with literature.

Quej = rchy, (18)
e =1 _e_% _ maCP(TOu - T°°) _ Qre] (19)

MaCp(Ts — Tar)

MaCp(Ts — Too)

10

N n—

—

l[cC—Co—D )]

Fig. 3. A schematic diagram of the reduced-scale test facility.
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1 1 1 Sw The corresponding overall heat transfer coefficient is a function
UA = m + heAc + KuwAw (20) of the total heat dissipated and was calculated using Equations (19)
~~ ~— —~ — and (22), identical to the process described in the previous
Overall thermal  ajr—side steam-—side wall subsection.
resistance resistance resistance resistance
4.3. Uncertainty analysis
tanh ml 2h
nf = ml m = ko (1) To indicate the quality of the experimental measurements, an
uncertainty analysis was performed according to the root-sum-
Af square method presented by Refs. [32] and [33]. The results of
Nourf = 1— A (1 - nf) (22) the uncertainty analysis for the reported results are listed in Table 1.

The air-side pressure drop across the condenser was directly
measured using a digital monometer. The measured pressure drop
was then expressed non-dimensionally using Equation (7) for
comparison with the respective correlations.

4.2. Reduced-scale test facility

In a tube bundle where all tubes are heated, as the air moves
downstream through the core there is a substantial gain in tem-
perature per row of tubes. This means that tubes at the rear of the
bank experience a higher local inlet air temperature than those at
the front. This significantly reduces the available temperature dif-
ference for cooling in this region. As only one tube is heated in the
reduced scale experiments, this effect must be accounted for by
calculating the rise in temperature which would occur if all tubes
were heated (i.e. the air inlet temperature for downstream tubes).

As with the previous technique the heat rejected from a single
tube was equivalent to the mass flow of condensate times the
enthalpy of vaporisation. The heat rejected by that tube row at the
ambient air conditions is given by Equation (23). A row by row
analysis was then performed, starting at the first row where the
ambient temperature is known. The effectiveness and the outlet
temperature were calculated for that tube row using Equations (24)
and (25) respectively. This outlet air temperature is the inlet tem-
perature for the next tube row. The heat dissipated by a tube in the
next row was measured at the ambient temperature. To determine
the heat that this tube would dissipate if all tubes were heated, its
measured heat rejection was multiplied by a ratio of the specific
row, inlet-to-wall temperature difference, to the ambient-to-wall
temperature difference. This relationship is shown in Equation
(26), and corrects the measured heat dissipation at ambient con-
ditions for the scenario when all the upstream tubes are heated.
This process continues for the number of rows in the condenser and
the total heat dissipated is calculated using Equation (27).

erw = Thc rjhfgntrj (23)
- 2, _foy = Toyy, (24)
Do (T-To,, ) B Toq
To, =ey(Ts—Ti, ) +Ti, (25)
where, T, I Tir}_
Ts - Tlr
_ J
o= |77 20
n;
Qe = > 0Q, (27)
j=1

4.4. CSP plant analysis

The aim of this analysis was to develop a thermodynamic model
to calculate the effect of various condenser parameters on power
plant output. Therefore, during the analysis, the only parameters
which were varied were those relating to the condenser. All others,
such as turbine inlet steam temperature and flow rate were kept at
constant values, representative of those in a parabolic trough CSP
steam turbine under typical conditions of solar radiation. Fig. 4
presents performance characteristics from such a steam turbine
operating in a 50 MW parabolic trough CSP plant [34]. The model
was developed to calculate three quantities, steam turbine gross
power output, condenser fan power consumption, and net plant
power output. The model calculated these quantities according to
the following procedure:

1. The ambient temperature, number of modules in the condenser
and the fan rotational speed were set

2. The variation of the condenser air-side pressure drop with flow-
rate was calculated using Equations (1)—(7), depending on the
condenser design

3. For the given fan speed, a fan performance pressure flow char-
acteristic plot was generated using fan manufacturer charac-
teristics and the fan scaling laws, Equations (15)—(17)

4. The intersection between the system pressure flow character-
istic curve and the fan performance characteristic curve was
solved. This indicated the pressure drop across and the flow rate
through the condenser module for the given fan rotational
speed

5. The dimensionless heat transfer parameter (Nusselt number or
Colburn factor), depending on the condenser geometry, was
evaluated using experimental measurements and Equations 8—
14

6. The corresponding heat transfer coefficient was determined
from the Nusselt number or Colburn factor

7. The fan power consumption was calculated using a combination
of the fan laws (Equations (15)—(17)) and the fan manufacturer
data

Table 1
A list of uncertainty results on the reported variables.

Parameter Full-scale measurements Reduced-scale measurements
Uncertainty (%)

Qrej 2.9-3.0 3.8—4.1

Mg 5 2.5

3 6.2 6.8

U 7 7.9

Stpr3/3 12.7 13.1

Nu 12.4 -

Re 53 3

L 6.7 -

f 5-5.6 43-7.9

fRe 7.8-8.9 -
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55T 185 To complete a comparison of the prototype designs a cost
E sl (D + . o0 18 analysis was also required. In order to achieve this, a number of
5 5 K o o 483 ; assumptions were necessary. To predict the installation cost, a
g P + © 1 % number of manufacturers and industrial partners were consulted
& | D + ko) )

g s2r o, oy 181 § and the following relationship, Equation (30), was determined to

g2 oL ' © lgo ¥ estimate the capital cost in US$. The relationship is based on the

5 51 5 4 80 = ) > ] -

8 o . 159 3 cost per unit mass of the constituent metals used in the respective
F O ;, . . . s .

; 30 o + 1g 2 design (i.e. steel tubes and aluminium fins) and the cost of the axial

£ 401 o © °© + . . 3 fans which is known. A scaling factor of 5 is also included to account

é sl o © N 3 for manufacture and installation of the condenser and is considered

ls) i . .
Z o + 76 a conservative approach. A currency conversion or €1 = US$1.36
415 35 2 25 0 pr 0 P was applied to calculate condenser cost in Euros.

Steam turbine outlet temperature (°C)

Fig. 4. Steam turbine outlet temperature versus the steam turbine gross output power
and condenser heat rejection of a CSP plant operating under typical conditions.

8. Condenser temperature was determined from Equation (27)
which governs the relationship between the condenser tem-
perature, T, the condenser heat rejection, Q, which from the
data in Fig. 4 can be expressed in terms of Ts, and the heat
transfer coefficient, h

Q T )
C

- = = 1-e min 28
MaCp(Ts — Tw) (28)

where,
N

Q = Z ans,171
n=1

9. Once condenser temperature was solved, the gross turbine
output power was calculated from an equation fitted to the
steam turbine output curve which is presented in Fig. 4

10. Plant net output was calculated by subtracting fan power
consumption from the gross steam turbine output

11. A plot of plant net power output versus fan rotational speed
was generated by repeating steps 1 to 10 for a range of fan
speeds

12. The previous steps were firstly repeated for different
condenser sizes (number of modules) and secondly for
different ambient temperatures, thus generating net plant
performance data as a function of condenser size and
ambient temperature.

Instead of expressing plant performance in terms of the net
plant output, it may be more telling to express it in terms of effi-
ciency loss due condenser performance as defined in Equation (29).
The model does not take into account thermal steam side resis-
tance. The authors are currently investigating steam side effects
which are dependent upon numerous additional variables. How-
ever, preliminary steam-side measurements performed on the full-
scale test facility showed that the steam side resistance is much less
than the air-side and below 10% for most operational fan speeds.

max

Moss = (1 —If“et> x 100% (29)

The model does not take into account thermal steam side resis-
tance. The authors are currently investigating steam side effects
which are dependent upon numerous additional variables. How-
ever, preliminary steam-side measurements performed on the full-
scale test facility showed that the steam side resistance is much less
than the air-side and below 10% for most operational fan speeds.

Cc = {[Maum * Catum) + (Msgeel X Csteel)] % 5} + Crans (30)

The cost data was integrated into a techno-economic perfor-
mance analysis to identify the ACC design which maximises plant
output for minimum capital expenditure. The levelised cost of
electricity was calculated for each condenser design and condenser
size based on the optimum thermodynamic data. The LCOE analysis
was based on the anaysis of [34], where an annual DNI factor of
2000 kWh/m? and capacity factor of approximately 20% were used.
The capital expenditure of the plant was estimated at €4900/kW
[34] plus the cost of the condenser calculated using Equation (30).
The plant life was assumed to be 20 years and a standard discount
rate of 6% was assumed. The levelised cost of electricity was
calculated according to Equation (31) [22]

N _G
€ ) _ Io+2[:1m (31)

LCOE (
kwWh Ne P
¢ i1y

where, Ip is the capital expenditure of the CSP plant including the
cost of the condenser applied at year zero and C; is the annual total
costs made up of fixed and variable operation and maintenance
costs. Pe| is the annual net electricity output in kWh calculated from
the gross output minus the fan power consumption. Other parisitic
plant power consumption was assumed constant regardless of the
condenser design and for this reason was omitted from this analsis.
r is the discount rate applied from year one onwards, t the specific
year of operation, and N; the plant litetime in years.

5. Results and discussion

This section firstly presents air velocity measurements at the
inlet to the full scale condenser module under different flow con-
ditions. Heat transfer and pressure drop measurements from the
full-scale prototypes are then presented. Measurements from the
reduced scale test facility for alternative circular finned tube de-
signs follow and finally, the various condenser designs are
compared in a plant analysis based on both thermodynamic effi-
ciency and also the techno-economic performance.

5.1. Flow field velocity measurements

Fig. 5 presents three velocity contour plots from the inlet of the
first full-scale prototype, a six row circular finned tube bank
coupled with four axial fans. The velocity traverses were taken over
one half of the module and it was assumed and verified with
measurements, that the flow field was reasonably symmetrical
about the centre line. The first contour, Fig. 5(a), shows a relatively
uniform flow field produced from an induced draft fan arrange-
ment. The fan to heat exchanger distance was 0.4Drand varying this
distance had a negligible effect on the inlet flow field. The second
contour, Fig. 5(b), is the inlet flow field generated by a forced draft

Please cite this article in press as: Moore ], et al., Modelling the thermodynamic performance of a concentrated solar power plant with a novel
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flow field at a fan to heat exchanger distance of 0.4 Dy In this
contour there are evident low velocity regions downstream of the
fan hubs and also at the intersection of adjacent fans, i.e. as the air-
flows from adjacent fans collide. Annuli of high velocity air flow are
present over the fan blade span. The final contour, Fig. 5(c), corre-
sponds to a forced draft arrangement at a fan to heat exchanger
distance of 0.75Dy. The low velocity regions are slightly less prev-
alent in this scenario, showing that increasing fan to heat
exchanger distance increases the homogeneity of the air flow.

5.2. Full-scale measurements — pressure drop

Fig. 6 presents the pressure drop results for the six row and four
row circular finned tube condenser designs, for both forced and
induced draft air flows. The induced draft measurements show
good agreement with the Robinson and Briggs [4] correlation, a
4.5% mean deviation for the four row design and 6.5% for the six
row design. This is not surprising given that their data was
measured in a uniform wind tunnel flow which as observed from
the measurements presented in Fig. 5(a), is comparable to that
produced in an induced draft scenario. The forced draft results do
not match the correlated data as well and there are many possible
factors which contribute to this. It is certainly intuitive to expect a
higher pressure drop for the forced draft scenario due to flow
separation as the swirling flow enters the core, particularly at the
high velocity regions as illustrated in Fig. 5(b) and (c). However,
pressure recovery also occurs as the radial component is removed
from the flow as it straightens through the core. Many authors have
reported on this phenomenon but few go into technical detail.
Gianolio and Cuti [15] state that the conflicting phenomena cancel
each other out and there is no significant difference between forced
and induced draft pressure drop. Meyer and Kroger [35] and Beiler
and Kroger [36] claim that in certain scenarios, pressure recovery is
in fact greater than the additional pressure drop resulting in less fan
power consumption for forced draft configuration. A greater issue is
accurately measuring the forced draft pressure drop. Due to the size
of the test facility the only feasible means of measuring the pres-
sure drop was using wall pressure tappings. This requires parallel
streamlines of air flow over the face of the tapping. While an

@
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Fig. 6. A plot of friction factor against Reynolds number for circular finned tube
condenser designs.

induced draft flow will reasonably satisfy this condition it is
certainly not the case for a forced draft flow where tangential and
radial velocity components are likely to cause flow impingement
onto the wall. However, fan power consumption in both cases
agreed well, suggesting that the pressure recovery which occurred
balances out with the increased pressure drop which agrees with
the findings of Gianolio and Cuti [15]. For the forced draft mea-
surements, the mean deviations from the correlation of [4] for the
four row and six row designs were 18% and 25% respectively.
Further investigation is required to clarify the pressure recovery
issue and identify what variables it is reliant upon.

Fig. 7 shows the pressure drop results for the plate finned tube
condenser. The plot shows the analytical correlations for the non-
dimensional pressure drop in the entrance region, the fully devel-
oped region and also the composite model for full range of Reynolds
number. Similar to the circular finned tube case the induced draft
measurements agree very well with the correlation, with a mean
deviation of 4%. The forced draft measurements appear to be
randomly scattered either side of the correlation again highlighting
the difficulty in obtaining accurate forced draft measurements. These
measurements had a mean deviation of 12% from the correlation.

Velocity (m/s)

08 1

Fig. 5. Velocity contour plot at entrance to condenser for (a) induced draft flow at Z = 0.4Dy, (b) forced draft flow at Z = 0.4Dy and (c) forced draft flow at Z = 0.7Dy.
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Fig. 7. A plot of the inverse Graetz number against friction factor Reynolds number
product for the plate finned tube design.

5.3. Full-scale measurements — heat transfer

Fig. 8 presents the experimental heat transfer results for the six
row and four row circular finned tube designs. The first point to
note is that for both condenser designs the forced draft and induced
draft results are in good agreement with each other. Due to the very
different flow fields generated in each case, as shown in Fig. 5, this
may not be intuitive. Further investigation underlines a number of
reasons for this. Firstly, the condenser effectiveness, particularly at
lower Reynolds numbers, is relatively high and therefore reduces
the temperature difference and potential for further heat transfer.
Another reason is what is commonly known in the literature as the
row effect. For an induced draft flow, turbulence levels increase
downstream of the first tube row due to vortices shedding from the
fin structures. The turbulence level continues to increase
throughout the downstream tube rows until it reaches a steady
condition after approximately four to six tube rows. There are many
different reports in the literature over the row effect and when
exactly the turbulence level stabilises. Gianolio and Cuti [15] report
that above four tube rows little row effect was found, whereas
Monbheit [7] concluded that the heat transfer from a three row tube
bank was 97% of a five row tube bank. Some other authors including
Jameson [37] and Mirkovic [38] predict row effects up to the eighth
row. In the forced draft case, the same effect takes place down-
stream of the first tube row as well as an increase in the flow
uniformity. The first tube row in this case may well be subjected to
a flow with a higher turbulence intensity generated from the fan
but as the banks are relatively deep this increase in terms of the
overall heat transfer is not significant. The results show reasonable
agreement, approximately 10% mean deviation, with the

0.1 T

— - — - Equation (8) [6]

Equation (9) [15]

o measured 6 row circular finned tube design ID
O measured 4 row circular finned tube design ID
+  measured 4 row circular finned tube design FD

StPr

0.01f

0.001 L

Rex 10°

Fig. 8. A plot of the Reynolds number versus the Colburn factor for a six for and four
row circular finned tube design.

100

— — — Equation (12) [25]
— - — - Equation (13) [12]
Equation (14) [11]
A measured plate finned tube design ID — 4 fans
o measured plate finned tube design FD — 4 fans

Ny, 10+ + 1

L
0.01 0.1 1
L*

Fig. 9. A plot of the inverse Graetz number versus Nusselt number for the plate finned
tube design.

correlations of Briggs and Young [6] and Gianolio and Cuti [15],
verifying the use of both correlations for further analysis.

Fig. 9 is a plot of the plate finned tube condenser heat transfer
measurements. In this case the analytical correlations for the flow
in the two different regions of the finned duct are plotted along
with a composite model to combine both regions. There is
reasonable agreement between the measured values and the
theoretical model, a mean deviation of 8%. As for the previous de-
signs, there is no effect on heat transfer between the forced and
induced draft cases. However, in this case there are alternative
reasons for this due to the different flow structures involved,
although at the lower Reynolds numbers the issue of high effec-
tiveness remains valid. In the case of the induced draft flow, the air
flow is distributed relatively uniformly throughout the channels,
resulting in a similar laminar flow and heat removal from the entire
condenser. For the forced draft case the Nusselt numbers in the
high velocity regions, seen in Fig. 5(b) and (c), become entrance
region dominated and thus yield higher heat transfer coefficients.
This increase in heat removal balances out with the reduced heat
removal in the low velocity regions and therefore no significant
difference in heat transfer is experienced.

5.4. Reduced-scale measurements — pressure drop

The aim of these measurements was to investigate how pressure
drop varies with the number of tube rows for a circular finned tube
design. Nir [14] and T’Joan et al. [ 16] provide unique correlations for
pressure drop with various number of tube rows. The measure-
ments shown in Fig. 10 show that six rows down to two tube rows

0.1
: TiT—e L
- T £
S 001t 1
Equation (1) [4] O measured 6 row circular finned tube design
— — — Equation (2) [14] + measured 4 row circular finned tube design
— - — - Equations (3) [16] x  measured 2 row circular finned tube design
1 row correlation ¢ measured 1 row circular finned tube design
0.001 +
1 10 100
Rex 10°

Fig. 10. A plot of the Reynolds number versus friction factor for a six, four, two and
single circular finned tube design.
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agree very well with the correlation of Nir [14] and Robinson and
Briggs [4]. For a single tube row both of these correlations under
predict the pressure drop. A mean deviation of 6% was found for the
six row design and 3% for the four and two row designs. The cor-
relation proposed by Ref. [16] is for a single tube row but over
predicts the pressure drop. However it should be noted that the
tube and fin diameters in their study were smaller than that used in
this investigation. In order to accurately predict the pressure drop
across a single tube row condenser the authors suggest a new co-
efficient to be used with the correlation proposed by Ref. [4].
Instead of the suggested coefficient 9.465, for a single row case 11.11
provides a root mean-square deviation of approximately 1% with
the measured data.

5.5. Reduced-scale measurements — heat transfer

As previously discussed, reducing the number of tube rows has a
significant effect on heat transfer performance. While the heat
transfer performance may deteriorate as there is less mixing in the
upstream rows than in the downstream rows, reducing the number
of tube rows decreases both the flow resistance and the capital cost.
Therefore it was necessary to characterise the heat transfer per-
formance of condenser designs with different number of tube rows.
Fig. 11 presents the results for a six row, four row, two row and
single row condenser from the reduced-scale test facility. There is
reasonable agreement with the respective correlations, and
therefore reasonable agreement with the full-scale measurements,
verifying the reduced-scale test technique. The correlations pre-
sented by Ref. [15] for a two row and single row heat exchanger fall
considerably below correlation of Briggs and Young [6] for a tube
bundle with more than four tube rows. This highlights the deteri-
oration in heat transfer with the reduction in tube rows and the
good agreement of the measurements also verify this result. A
mean deviation of approximately 6% was experienced between the
measurements and the respective correlations. While these mea-
surements go some way to validate the use of the correlations in the
following power plant analysis, the authors are currently investi-
gating the performance of these designs in fan generated flows.

5.6. Plant analysis

Initially two condenser sizes were considered for the power
plant analysis, 260 2 m x 2 m modules and 650 2 m x 2 m modules.
Fig. 12 shows the performance of the plant in terms of net power
output (Pgross—Prans) for the two condenser sizes at a range of
ambient temperatures. For each condenser the performance is
plotted against fan speed for ambient temperatures of 10 °C, 20 °C

0.1

Equation (8) [6] O measured 6 row circular finned tube design
Equal?ons (8) & (9) [15] + measured 4 row circular finned tube design
- Eq“atf"“s ®&O 5]« measured 2 row circular finned tube design
— - — - Equations (8) & (9) [15] ¢ measured 1 row circular finned tube design
StPr??
0.01 ]
0.001 L

Rex 10

Fig. 11. A plot of the Reynolds number versus Colburn factor measurements for a two
row and single row design, obtained from the reduced-scale test facility.
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Fig. 12. A plot of module fan speed versus net plant output power for a four row
circular finned tube condenser module at different ambient temperatures.

and 30 °C. It should be noted that this plot is for the four row cir-
cular finned tube condenser with two axial fans positioned along
the centre of the module. This plot shows the primary advantage of
the technology; varying fan speed by just 100 rpm can increase
plant net output by over 10% in certain cases. Regardless of the
condenser size or the ambient temperature there exists an opti-
mum fan speed which yields the maximum net output power.
Below this speed increasing the speed has the effect of reducing the
turbine back pressure and hence increasing the gross turbine po-
wer by a greater magnitude than the increase in fan power. Above
this speed further increases will continue to reduce the turbine
back pressure but the increase in fan power is greater than the
corresponding increase in gross turbine power. Thus it is important
to consider fan power consumption when modelling plant perfor-
mance with an ACC. It is also clear from Fig. 12 that increasing
condenser size increases the plant output power, while increasing
ambient temperature reduces the net output power.

The plot in Fig. 13 is an expansion of the thermodynamic anal-
ysis presented in Fig. 12 and compares the different condenser
designs. Each data point represents the optimum plant operating
point for the respective condenser size and design. For clarity
purposes only the performance at the ambient temperature of
20 °C are plotted but the general trend remains constant regardless
of temperature. The plant performance is calculated in terms of
plant efficiency loss due to condenser operation as described by
Equation (29) and the condenser size is plotted as condenser face
area (or footprint area). The four row design and the plate finned
design offer significant efficiency savings over the other designs,
particularly at lower face areas. As the condenser size increases, a
decrease in efficiency-loss is achieved due to the fact that the heat

10 o
x < O 6 row curcular finned tube design — 4 fans
x 00 + 4 row curcular finned tube design — 2 fans
gl > X 2 row curcular finned tube design — 2 fans
X 0, ¢ 1 row curcular finned tube design — 2 fans
()O A

% Efficiency loss due to condenser operation

0
1000 2000 3000 4000 5000 6000 7000

Condenser face area (m’)

Fig. 13. A plot of condenser face area against plant efficiency loss due to condenser
operation for various condenser designs.
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transfer area increases and the required fan speed reduces, thus
reducing the total fan power consumption. This is very significant
in terms of the single and two row circular finned tube designs.
Since the flow resistance is much less, the reduction in fan power is
even greater and as the condenser face area increases these designs
become comparative in terms of their thermodynamic efficiency.
However, increasing the condenser size also increases capital costs
and footprint area. In some cases, particularly solar plants with a
central tower, space is limited for a large condenser. Therefore there
is a trade-off between efficiency, cost and available footprint area at
the plant location.

Combining the optimum thermodynamic data presented in
Fig. 13 with condenser and plant cost estimations, Fig. 14 presents a
plot of the levelised cost of electricity generated by the plant over a
20 year lifetime against the specific plant capital cost in €/kW.
Firstly this plot is an effective means of comparing the condenser
designs in a single thermodynamic and economic metric. The plot
also highlights the optimum size condenser (number of modules)
for each of the designs. The initial design, six tube row module with
four axial fans, performs poorly in comparison to the other designs.
There are two contributing factors, firstly, the cost of the extra fans
and tubes is considerable and secondly, the higher flow resistance
leads to higher fan power consumption which has a negative effect
on plant efficiency. A single row design is also quite poor in com-
parison to the remainder of the designs. As noted in the previous
plot, as the size of this condenser increases, the efficiency loss of the
single row design becomes competitive with other designs. How-
ever, in Fig. 14 it can be seen for this single row design to be
competitive in terms of LCOE, the corresponding plant capital cost
would increase by approximately €50/kW relative to the other
designs. The techno-economic performance of the three remaining
designs is similar. The two row design provides the lowest LCOE of
€0.2907/kWh at a capital cost of €5005/kW. The four row circular
finned tube design and plate finned tube design have an LCOE 0.25%
and 0.33% respectively, greater than the two row design. However,
they achieve these values at a capital cost of approximately €5000/
KkW. It should be noted that the LCOE values calculated in this study
may be higher than figures published in other studies such as [1]
and [22]. This is largely due to a low capacity factor (20%) for the
CSP plant in question as it has no storage capacity. Discrepancies
between different studies also arise from the inclusion or exclusion
of plant self-consumption [22]. In this study the fan power con-
sumption is included, a variable which is often overlooked.

6. Conclusions
In the first part of this study the heat transfer and friction

characteristics of various condenser designs were measured. The
following conclusions can be drawn from these measurements:

034
O 6 row curcular finned tube design — 4 fans
+ 4 row curcular finned tube design — 2 fans
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Fig. 14. A plot of CSP plant specific capital cost against LCOE for various condenser
designs.

o The velocity measurements at the inlet to the condenser high-
light the very different flow fields associated with forced and
induced draft configurations. A uniform flow field was observed
for the induced draft case. For the forced draft case the flow field
was non-uniform but increased in uniformity as the fan to heat
exchanger distance was increased
Despite the different flow fields, no significant difference in heat
transfer performance was observed between induced and
forced draft cases. As previously explained this is most likely due
to the high effectiveness of the designs tested and the row effect
in the case of the circular finned tube bundles
e For the six and four row circular finned tube designs, reasonable
agreement was found with the correlations of [4,14] for pressure
drop and [6,14,15] for heat transfer. For the plate finned tube
design, reasonable agreement was found with the analytical
correlations of [23] for pressure drop and [11] for heat transfer.
e The two row and single row condenser designs were charac-
terised in a reduced-scale, wind tunnel facility. Reasonable
agreement was found with [15] for heat transfer. In terms of
pressure drop good agreement was found between the mea-
surements and the correlation of [4] for a two row heat
exchanger. However for a one row heat exchanger the authors
suggest a constant of 11.11 be used in Equation (1) rather than
9.465

The second part of this study focused on developing a model to
predict the thermodynamic performance of a CSP plant to inves-
tigate the effect of various condenser design parameters on the
thermodynamic efficiency and economic performance. The
following conclusions can be drawn from this analysis:

e The thermodynamic model used correlations from literature,
experimental measurements and output data from a 50 MW CSP
plant, and was capable of calculating the net plant output at
different condenser operating points and for different
condenser sizes and designs

e The primary advantage of the proposed condenser technology is
highlighted in this analysis. For any condenser size or ambient
conditions, there exists an optimum fan speed which yields a
maximum net plant output power. In certain scenarios altering
fan speed by just 100 rpm can increase plant output by 10%

o A thermodynamic comparative analysis of the proposed designs
showed that the best designs were the four row circular finned
tube design and the plate finned tube design. At higher
condenser face areas the two row circular finned tube design
becomes competitive with these designs

e A techno-economic analysis of the plant was performed to
compare the thermodynamic and economic performance of the
designs in a single metric. This analysis showed the two row
design to be the best performing design with an LCOE of
€0.2907/kWh at a CSP plant capital cost of €5005/kW. However
the four row design and the plate finned tube design provide an
LCOE just 0.25% and 0.33% higher respectively, with a 0.1%
decrease in plant capital cost.
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